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Abstract  
The thermal energy contained in internal combustion engine exhaust gases can be converted into 
mechanical energy by using an Inverted Brayton Cycle (IBC). In this paper, five different versions 
of the IBC are numerically modeled and optimized to maximize their specific work output. These 
cycles are: (i) basic IBC, (ii) IBC with liquid water drainage (IBC/D), (iii) IBC with liquid water 
drainage and a steam turbine (IBC/D/S), (iv) IBC with liquid water drainage and a refrigeration 
cycle (IBC/D/R), and (v) IBC with liquid water drainage, a steam turbine and a refrigeration cycle 
(IBC/D/S/R). Among these five systems, three are presented for the first time in the literature (i.e., 
the IBC/D/S, IBC/D/R and IBC/D/S/R). The optimization runs are performed for a wide range of 
inlet gases temperatures (from 600 to 1200 K) and heat sink temperatures (from 280 to 340 K), and 
the results are reported as design charts that provide guidelines for the design of optimal IBC engine 
heat recovery systems. Among the five IBCs, the IBC/D/S/R has the highest specific work output 
for the whole range of operating temperatures.  A comparison with the subcritical Rankine cycle 
and Organic Rankine Cycles using isobutane and benzene shows that an IBC system might be a 
better choice for specific operating temperatures. Liquid water addition in the IBC/D/S/R leads to 
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optimized designs using only the steam turbine at high inlet gas temperatures, indicating that a 
Rankine cycle is better suited for these conditions.  
Keywords: Engine exhaust heat recovery; Inverted Brayton Cycle (IBC); Open Rankine cycle; 
Bottoming cycles; Water drainage; Design optimization. 
Nomenclature 
Variables 
p
c  specific heat, 1 1kJ kg  K   
h    enthalpy, 1kJ kg   
f
h
o
 enthalpy of formation, 1kJ kg  
M  molar mass, 1g mol
  
mf  mass fraction 
N  number of moles, mol  
P  pressure, kPa  
q  specific heat transfer rate, 1kJ kg  
R  gas constant, 1 1kJ kg  K   
s   entropy, 1 1kJ kg  K   
f
s
o
 entropy of formation, 1 1kJ kg  K   
sh  specific humidity 
T  temperature, K  
R
U  refrigeration utilization rate 
w  specific work output, 1kJ kg  
x  vapor quality 
y  molar fraction 
Greek symbols 
    heat exchanger effectiveness 
  efficiency 
Subscripts 
atm  atmospheric 
,f g  saturated liquid and saturated gas states 
i  species 
in  inlet 
j  increment, iteration number 
liq  liquid state 
max  maximum 
min  minimum 
opt  optimal 
out  outlet 
pp  pinch point 
ref  reference 
s  isentropic 
sat  saturated 
sw  supplied liquid water 
tol  tolerance 
tot  total 
vap  vapor state 
w  working fluid 
Abbreviations 
CO  condenser 
CP compressor 
D related to drainage 
EC economizer 
EV evaporator 
GT gas turbine 
IBC Inverted Brayton Cycle 
IC internal combustion 
ORC Organic Rankine Cycle 
PP pump 
R related to refrigeration cycle 
S related to open Rankine cycle 
SH superheater 
ST steam turbine 
VA valve 
  
1. Introduction 
Whether for economic reasons or to mitigate global warming, reducing engine fuel consumption is 
imperative. In internal combustion (IC) engines, approximately 30% of the energy of combustion 
is lost in exhaust gases [1]. A way to improve their overall energy conversion efficiency is to add 
a system capable of recovering the waste heat exiting the engine. Although waste heat can also be 
recovered from other sources, the exhaust gases contain the largest recovery potential [2], and 
therefore, several waste heat recovery (WHR) technologies for flue gases have been proposed and 
investigated. Among the most studied WHR systems for engines are thermodynamic cycles used 
as bottoming cycles. The Brayton air cycle is one the simplest and cost-effective systems [3]. 
Nevertheless, Organic Rankine cycles (ORC) are presently considered as one of the most promising 
WHR technologies for their applicability to both high and low-temperature heat sources [4].  
A potential bottoming cycle for IC engines that has recently received a lot of attention is 
the Inverted Brayton Cycle (IBC). Proposed by Wilson [5], it consists in a simple modification to 
the Brayton Cycle: the exhaust gases expand to a sub-atmospheric pressure, are cooled, and finally 
compressed to atmospheric pressure. IBC as a bottoming cycle has other applications than engine 
heat recovery: gas turbine repowering [6], reheat gas turbine [7], low-temperature cogeneration 
applications [8], microgas turbine [9], etc.  
Among the advantages of IBC over other cycles are its simplicity and the availability of the 
required turbomachinery components. Lower overall efficiency and fouling/corrosion issues are 
the most commonly mentioned drawbacks of IBCs when compared to other technologies, which 
constitute the challenges currently driving the research efforts related to IBCs. One of the first 
techno-economic studies of an IBC as an engine heat recovery system was done by Bailey [10], 
where the IBC was referred to as a sub-atmospheric Brayton system. Although the efficiency of 
the IBC was better than that of pressurized Brayton systems (in which the exhaust provides heat 
through a heat exchanger to another air stream used as the working fluid), the later was preferred 
based on cost and potential fouling/corrosion considerations. In 2001, Fujii et al. [11] developed 
an IBC test rig to demonstrate the concept and measured thermal efficiency values of the order of 
1%. This relatively poor performance was due to the low turbine efficiency (~50%), since the 
turbine had been designed to operate at a larger flow rate than the one used in the test rig.  
Selecting the best bottoming cycle for a given application can be quite challenging, which 
brings to light the need for cycle comparison studies. An influential study by Bianchi and De 
Pascale [12] compared three bottoming cycles (ORC, Stirling and IBC) for a fixed cold source 
temperature of 15C and variable hot source temperatures. In their studies, the ORC offered a 
specific energy output between 10 and 200 kJ/kg depending on the choice working fluid and 
available temperature, whereas the specific energy output of the IBC was in the range 10-70 kJ/kg 
depending on temperature and condensed water mass fraction. They conclude that “the innovative 
and not yet developed IBC system is a promising solution but not as performing as the ORC 
technology, especially in the field of very low temperatures (200–400C). If instead heat fluxes are 
available at temperature values above 350–400C, the IBC technology becomes more interesting 
in terms of achievable efficiency”. 
Despite its observed efficiency often lower than that of ORC, the interest for IBC has 
continued to grow. Identifying the contexts in which IBCs can be an adequate solution is still an 
open question and thus, IBCs have been tested in different applications over the last few years. For 
example, Chen et al. [1] simulated the performance of IBCs when it is coupled with a light-duty 
automotive engine operating in a real-world driving cycle where the exhaust flow rate varies in 
time. A reduction of fuel consumption of 3.15% was calculated when the turbine pressure ratio is 
constantly optimized. Copeland and Chen [13] also showed that IBC is a promising alternative to 
turbocompounding. 
Additionally, another objective of current research on bottoming cycles is to propose 
improvements or modifications to IBCs that would increase their overall efficiency to a level that 
would make them more competitive. For example, Fujii et al. [11] proposed an intercooled inverted 
Brayton cycle or mirror gas turbine concept to improve performance. Kennedy et al. [14] studied 
the effect of removing condensed water in the exhaust before the compressor. The benefit of this 
modification is the mass flow rate reduction during gases compression, which improves the overall 
cycle efficiency.  
The present study further develops this idea by proposing two new additional modifications 
to the IBC and evaluating the associated change of performance. The first modification uses the 
drained water to perform an open Rankine cycle, where the exhaust gases at the gas turbine outlet 
heats the water before entering a steam turbine. The second one is the addition of a refrigeration 
cycle upstream of the separation to increase liquid water formation and obtain a colder temperature 
at compressor inlet. No report of IBC optimization for different combinations of temperature 
conditions (hot and cold sources) was found; hence its most suited applications remain partly 
unknown compared to other cycles. Five variations of the IBC are investigated, three of which 
being new proposed cycles. The main goals of the work are to establish new charts that provide 
guidelines for optimal designs of IBCs and to compare the performance of the IBC variants with 
that offered by Rankine cycle and Organic Rankine Cycles. The analysis presented in this paper 
covers a large set of operating conditions, i.e., an exhaust temperature from 600 to 1200 K, and a 
coolant temperature from 280 to 340 K. The objective function to maximize is the specific work 
output w  [kJ/kg]. 
 The paper is structured as follows: Section 2 describes the IBCs and the methodology used 
to perform the numerical simulations; Section 3 explains the modeling method used for each piece 
of equipment; Section 4 describes the optimization problems; Section 5 presents the results of the 
optimization runs by means of design charts; and in Section 6, examples of applications are 
provided. 
2. Problem statement 
The systems considered in this paper include two cycles that have already been presented in 
literature [1] [14]: (i) the basic Inverted Brayton Cycle (IBC) and (ii) the IBC with liquid water 
drainage (IBC/D). Moreover, three novel cycles are presented in this paper: (iii) the IBC/D with a 
steam turbine (IBC/D/S), (iv) the IBC/D with a refrigeration cycle (IBC/D/R), and (v) the IBC/D 
with a steam turbine and a refrigeration cycle (IBC/D/S/R).  
2.1. Inverted Brayton Cycle (IBC) 
The Inverted Brayton Cycle is an open cycle built with three main components: an expander, a heat 
exchanger, and a compressor. The architecture and thermodynamic diagram of the IBC are given 
in Fig. 1. The exhaust gases exiting the engine enter the IBC at state {1} at atmospheric pressure, 
expand in the gas turbine (GT) and leave at state {2}. The heat exchanger cools down the gases to 
state {3} by transferring the heat to a coolant at constant pressure. Part of the water contained in 
the gases being condensed in some cases, this heat exchanger will be referred to as the condenser 
(CO) for the rest of the paper. The gas stream is compressed back to atmospheric pressure where 
it leaves the compressor (CP) at state {4}. 
 The fuel used in the upper cycle (engine) is considered to have a hydrogen to carbon ratio 
equal to 2, and an oxygen to carbon ratio of zero, as for typical hydrocarbon fuels. Assuming a 
specific humidity of 0.01, the equation for complete combustion considering no excess air is [14]: 
 
2 2 2 2
2 2 2
3 39 3
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2 7 42
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7 42
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CO N Ar H O
   
   
  (1) 
It is now possible to calculate molar and mass fractions of each species in the exhaust gases. For 
enthalpy and entropy calculations, the specific heat is determined with the following correlation 
for ideal gases: 
  2 3, ,p i i p i i i i i ic M c M a bT c T d T       (2) 
where 
p
c  is the molar specific heat, M the molar mass, 
p
c  the mass specific heat, and ia  to id  
coefficients specific to each species i  (see table A.2c of [15]). Eq. (2) is used for CO2, N2, and 
vapor H2O. Ar has a pc  value independent of temperature. 
2.2. Inverted Brayton Cycle with liquid water drainage (IBC/D) 
When the gas stream is sufficiently cooled down, condensation occurs in the condenser, and a part 
of the total water content can be drained before entering the compressor (see Fig. 2a). The 
advantage of this modification is the flow rate reduction in the compressor, leading to a reduced 
work input for certain conditions. Fig. 2b follows the thermodynamic states of the exhaust gases 
(including water vapor), while Fig. 2c shows the water only (liquid and vapor). The exhaust 
gaseous part undergoes the same evolution as in the IBC, and the liquid water is separated from 
the gases after state {3} to reach state {6} (or state {3liq}). It should be noted that the pressure of 
states {1}, {2}, {4} (or state {3vap}) and {5} in Fig. 2c are the water partial pressure (vapor 
pressure). State {6} (state {3liq}) is compressed liquid water at the lowest pressure of the exhaust 
gases (at states {2}, {3} and {4} in Fig. 2b) represented by the line 2P  in Fig. 2c. A pump (PP) 
brings the liquid water to atmospheric pressure at state {7}. 
The liquid mass fraction at state {3} is found by first calculating the vapor mass fraction. 
Since the pressure ratio is equal to the molar fraction for ideal gases, the vapor pressure vapP  is: 
  
2vap tot H O tot
P P N N   (3) 
When vap satP P , the water content at state {3} is larger than what the gas mixture can hold. Thus, 
a fraction of the water has condensed and can be removed before entering the compressor. The 
Arden Buck equation for 0 °CT  , which is a modified version of the one presented in [16], is 
used to calculate satP : 
 ( ) 0.61121exp 18.678
234.5 257.14
sat
T T
P T
T
    
     
    
  (4) 
The vapor molar fraction in the mixture is found with Eq. (5), and the vapor and liquid mass 
fractions are determined with Eq. (6) 
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where 
dry
N  is the number of moles of the species in the mixture apart from water. Eqs. (3), (5) and 
(6) are taken from Chapter 14 of [15]. 
2.3. Inverted Brayton Cycle with liquid water drainage and steam turbine (IBC/D/S) 
Figure 3 shows the IBC/D/S, the first novel cycle proposed in this paper. It consists of an IBC with 
liquid water drainage, where the drained liquid water (state {7} or {4liq} in Fig. 3c) flows in an 
open Rankine cycle to produce work in a steam turbine. More specifically, the condensate is first 
compressed to state {8} with a pump (PP1 in Fig. 3a) and goes through a heat exchanger (EV/S) 
to receive heat from the exhaust gases at constant pressure and reach a superheated state (state {9}). 
The vapor is then expended in a steam turbine (ST) and leaves it at state {10}. In order to lower 
state {10} pressure below atmospheric pressure and produce more work, a condenser (CO/S) brings 
the water to the saturated liquid state {11} and a second pump (PP2) takes it to atmospheric 
pressure at state {12}. The achievable pressure at the steam turbine outlet depends on coolant 
temperature AT . Solely subcritical open Rankine cycles are considered here. 
As for the exhaust gases, their cooling is partly done in the evaporator EV/S and they enter 
the CO at state {3}. They leave it at state {4}, liquid water is separated to obtain state {5} (and 
state {4vap} for water), and they are put back to atmospheric pressure at state {6} in the CP. 
Noticeably, this cycle can only work if there is liquid water formed at state {4} and if pressure and 
temperature of state {9} are high enough to produce work in the ST. In the model, it was assumed 
that when the last requirement is not met, the right cycle to use is the IBC/D and that when both 
requirements are not satisfied, the IBC is the cycle to use. 
As this cycle is proposed for the first time in literature, Table A.1 describes the IBC/D/S 
thermodynamic states using the optimized design for a specific case of 1T  and AT . 
2.4. Inverted Brayton Cycle with liquid water drainage and refrigeration cycle (IBC/D/R) 
The lower the temperature of a fluid at a compressor inlet, the smaller the work needed to reach 
the compressor outlet pressure. Thus, a refrigeration cycle could be used to cool the gases before 
the compressor. A lower temperature before the compressor may also increase the condensate, 
which reduces the mass flow rate and thus, the work input. 
A vapor-compression cycle is therefore added to the IBC/D just before the drainage, see 
Fig. 4a. As in the IBC/D, the gas stream is expanded in the GT until state {2} and is cooled down 
in the CO to state {3} (see Fig. 4b). The refrigerant cools it to state {4} in the evaporator (EV/R), 
reaching a temperature that depends on the extent to which the refrigeration cycle is used, between 
3
T  and 273.2 K, corresponding to a ‘refrigeration utilization rate’ of 0% to 100%, respectively. The 
separated liquid water (states{7} and {4liq}, see Fig. 4c) and the gaseous part (states{5} and {4vap}) 
are brought back to atmospheric pressure by the PP to state {8}, and the CP to state {6}, 
respectively.  
The refrigerant undergoes a basic vapor-compression cycle. It is evaporated at constant 
pressure in the evaporator (EV/R) to reach state {a} (see Fig. 4d) that has a temperature 3 K higher 
than the saturated state to ensure it is superheated. The vapor is compressed by a compressor (CP/R) 
to state {b}, and then it is condensed to saturated liquid (state {c}) at constant pressure in a 
condenser (CO/R). Finally, the refrigerant goes through an isenthalpic valve to reach state {d} and 
returns in the EV/R. The fluid employed in this work is R134a, which is one of the best fluids in 
the conditions considered here[17]. 
Again, the IBC/D/R being a new cycle, Table A.2 describes its optimized design 
thermodynamic states for a specific case of 1T  and AT . 
2.5. Inverted Brayton Cycle with liquid water drainage, steam turbine and refrigeration cycle 
(IBC/D/S/R) 
The last novel cycle is the IBC/D/S/R, which consists of an IBC with liquid water drainage, an 
open Rankine cycle and a refrigeration cycle, as shown in Fig. 5a. This cycle increases the liquid 
water production to a flow rate that would not be possible in the IBC/D/S, thus developing greater 
power in the steam turbine. Now, the exhaust gases are cooled down by three heat exchangers. The 
first one (EV/S) uses the hotter part of the exhaust gases after the GT to evaporate the water before 
the ST, leaving the gaseous mixture at state {3} (see Fig 5b). The second heat exchanger CO brings 
the exhaust gases to state {4}, at a temperature near that of the coolant. Finally, the third heat 
exchanger EV/R cools the gases to state {5} at a temperature between 
4
T  and 273.2 K. The 
refrigeration cycle is the same as the one in the IBC/D/R (see Fig. 5d) using R134a. The gaseous 
part at state {6} (and state {5vap}) is compressed to state {7} and the liquid water at state {8} (state 
{5liq}) undergoes the same open Rankine cycle than in the IBC/D/S (see Fig. 5c) leaving the system 
at state {13}. It should be noted that the pressure 2P  is lower in Fig. 5c than in Fig. 3c because the 
refrigeration cycle helps reaching lower condensing temperatures. Incidentally, the outlet pressure 
of the ST is below 2P  in Fig. 3c and above 2P  in Fig. 5c. Figures 1 to 5 are not to the scale. 
 An example of IBC/D/S/R thermodynamic states is detailed in Table A.3. 
2.6. Numerical simulations 
The modeling and numerical simulations in this project are performed with in-house MATLAB® 
scripts [18]. The open-source thermophysical property library CoolProp [19] [20] was used to 
evaluate thermodynamic properties of water and R134. 
The present numerical model has been validated by comparing the results with those 
obtained by two other authors. Considering an inlet exhaust gases temperature 1T  of 1140 K, a 
coolant temperature AT  of 293 K, a turbine expansion ratio of ~1.72 ( 2 59P   kPa), and turbine and 
compressor isentropic efficiencies of ~0.53 and ~0.69 respectively, the experiment of Fujii et al. 
[11] led to an IBC specific work output of ~12.3 kJ/kg (uncertainty analysis was not provided for 
the experimental measurement). Using the same parameters, the model gives a specific work output 
of 11.5 kJ/kg, corresponding to a 6.5% relative difference. With 1 500°CT  , 15°CAT   and a 
turbomachinery polytropic efficiency value of 0.8, Figs. 7a and 10a in the simulations of Bianchi 
and De Pascale [12] show specific work outputs of 25 kJ/kg for the IBC ( 2 30P   kPa), and 35 kJ/kg 
for the IBC/D (
2
40P   kPa, 
2 ,
0.1
H O in
X  ). The present model gives 24.7 kJ/kg (IBC) and 33.9 kJ/kg 
(IBC/D) respectively, i.e. relative difference of 1.2% and 3.2%. Therefore, the agreement between 
the present model and results from literature can be qualified of good. 
3. Equipment modeling methodology 
This section explains the modeling of the gas turbine, condenser, compressor, steam turbine, and 
other heat exchangers. Steady-state is considered, and pressure and heat losses are neglected. 
3.1. Gas turbine 
The water content stays completely in vapor state for the entire expansion, for all external 
conditions considered in this paper. The specific work produced by the gas turbine may be 
expressed by the enthalpy difference between states {1} and {2}, or the isentropic enthalpy 
evolution multiplied by the gas turbine efficiency: 
 1 2 1 2( )GT GT sw h h h h      (7) 
By virtue of the Gibbs-Dalton Law for ideal gases [21], the isentropic enthalpy difference can be 
found for each component and then added together considering their mass fraction imf . Each 
individual enthalpy difference is calculated with the specific heat correlation of Eq. (2): 
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Temperature 1T  is a known parameter and finding 2 sT  requires calculating entropy variations. 
According to Gibbs’ relation for a closed and reversible system, and assuming an ideal gas, one 
finds 
  2 1 2 1ln 0s s s R P P    
o o
  (9) 
where initial and final pressures are known. The procedure to estimate the absolute entropy 
variation  2 1s s
o o  is similar to that used above for the enthalpy variation.  2 1s s
o o  depends only 
on 1T  and 2 sT , and can be calculated by summing the absolute entropy variation of each species: 
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weighted by their mass fraction imf . When inserting Eq. (10) in Eq. (9), it can be observed that the 
value of 2 sT  is the only unknown in Eq. (9), and it can be found by using the bisection iterative 
method [22]. 
Finally, once the value of 2 sT  is found, Eqs. (7) and (8) can be used to calculate GTw . 
However, the real final temperature 2T  is needed for other calculations in the cycle. The bisection 
iterative method is used once again to find 2T  knowing that 
 1 2 1 2( , )GT i i
i
w h h mf h T T      (11) 
Eqs. (7) and (9) are taken from Chapters 9 and 12 of [15]. 
3.2. Condenser 
To calculate the state at the condenser outlet (state {3} for IBC/D), the formation of liquid water 
must be taken into account. The heat transferred to the coolant is expressed by: 
 
maxCO
q q  (12) 
where 
CO
  is the condenser effectiveness, and maxq , the maximum heat transfer rate that could be 
exchanged in the condenser. maxq  is determined by the limiting fluid in the heat exchanger. In the 
context of the paper, the limiting side is the gas stream since the coolant can be chosen and its mass 
flow rate ratio can be as high as desired. With the hypothetical state {3’} where the mixture reaches 
the minimum theoretical temperature AT , the maximum potential heat transfer rate is: 
  max 2 3' 2, 3',i i i
i
q h h mf h h     (13) 
Eq. (8) is used for CO2, N2, and H2Ovap, while Ar has a constant pc  and the liquid water enthalpy 
can be found in thermodynamic tables or specialized software (Section 2.6). Due to the fact that 
the mass fractions change in the process, the enthalpy of formation (at 298
ref
T   K) of liquid and 
vapor water need to be used: 
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Water mass fractions at condenser input and output are calculated with Eqs. (3) to (6), where the 
vapor pressure vapP  has to be greater than the saturation pressure satP  so that the water may 
condense. The exhaust stream temperature at the condenser output 3T  is found with the iterative 
bisection method by equating the real heat transfer rate q  with 
maxCO
q . Eq. (12) is taken from 
Chapter 11 of [23] and Eq. (13) from Chapter 13 of [15]. 
3.3. Compressor 
The compressor model is similar to that of the gas turbine. The equations shown in this Section 
assume that the inlet and outlet are at states {3} and {4}. It follows that: 
 4 3 4 3( ) /CP s CPw h h h h       (15) 
For all the IBC variants that include liquid water drainage, there is no liquid water at the inlet, nor 
at the outlet because of the increasing temperature. Then Eq. (16) is used to find 4 sT  with the 
iterative bisection method, where 
4 3
s s
o o
 is found with Eq. (10), and 4 3sh h  is calculated with Eq. 
(8). 
  4 3 4 3lnR P P s s 
o o
 (16) 
Regarding the basic IBC, liquid water may be present in the compressor. The entropy of formation 
of water must then be used in the developed form of Eq. (16): 
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where 4 sT  is the only unknown. Similarly, 4 3sh h  is computed using the enthalpy of formation of 
water. Eqs. (15) and (16) are taken from Chapters 9 and 12 of [15]. 
3.4. Steam turbine 
The steam turbine is the main equipment of the open Rankine cycle in the IBC/D/S and IBC/D/S/R. 
A representation of the water evolution in the steam turbine between states {9} and {10} is 
provided in Fig. 6. Differential thermodynamic evolution (see Ref. [26] for more details) is used 
to model the evolution. Each turbine stage deals with a small part of the total pressure drop, 
allowing the calculation of the vapor quality at each stage to determine the appropriate efficiency 
expression to use. When the water is superheated (open squares in Fig. 6), the enthalpy 
j
h  at the 
outlet of the turbine stage j  can be expressed as: 
 1 1 ,( )j j dry j j sh h h h      (18) 
where 
dry
  is the dry efficiency [24]. When the water is a saturated mixture (black squares in Fig. 
6), the enthalpy 
j
h  at the outlet of stage j  uses the Baumann expression [24] [25]: 
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Finally, the steam turbine specific work is expressed by using the enthalpy of the last pressure stage 
(enthalpy at state {10}): 
 9 10STw h h    (20) 
3.5. Heat exchangers 
Aside from the condenser (CO) that is present in all cycles, there are four other possible heat 
exchangers: the refrigeration cycle evaporator (EV/R) and condenser (CO/R), and the open 
Rankine cycle evaporator (EV/S) and condenser (CO/S). They are all counterflow, but temperature 
calculations for these pieces of equipment are different. Both condensers use the coolant on the 
cold side, for which the mass flow rate is unknown. Thus, a temperature difference 
COT  between 
the hot side outlet (refrigerant or water) and 
AT  is assumed. However for the CO/S, COT  allocates 
the minimum condensing temperature of the water exiting the steam turbine, the minimum vapor 
quality ultimately deciding the outlet temperature (see constraints in Eqs. (26) and (30)). 
Furthermore, the EV/S is divided in three parts for calculation purposes (economizer, evaporator 
and superheater), see Ref. [27]. The economizer and evaporator are constrained by a maximum 
effectiveness 
max , while the water state at the outlet of the superheater (SH) is determined using 
max . The limiting side being always the water, the enthalpy at the steam turbine inlet (state {9}) 
may be calculated as follow (Chap. 11 of [23]): 
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where 
9@g P
h  is the enthalpy of the saturated vapor at pressure 
9
P  and 9 'h  is the superheated vapor 
enthalpy if it could reach 2T , (equivalent to an effectiveness of 100%, see Fig. 7a). As an additional 
verification, the pinch point temperature difference ( ppT ) located at the economizer output must 
be higher than a tolerance value 
tol
T . Finally, the same value 
tol
T  (see Fig. 7b) is imposed in the 
EV/R between the refrigerant input and exhaust gases output. 
3.6 Fixed parameters 
Fixed parameters are listed in Table 1. Turbomachinery efficiencies have been selected based on 
typical values used in literature. For example, a gas turbine efficiency of 0.795 has been reported 
in Ref. [2] and compressor efficiency of 0.78 in Ref. [28] in a Brayton cycle. Bianchi and De 
Pascale [12] used turbomachinery efficiency of 0.8 for the IBC. Steam turbine and pump isentropic 
efficiencies of 0.75 and 0.85 were chosen in Ref. [3] for a Rankine steam bottom cycle. Vaja et al. 
[29] state that turbines in ORC have efficiency ranging between 0.8 and 0.88, and use a pump 
efficiency of 0.8.  
Table 1. Values of the fixed parameters in this study. 
Parameter Values 
Exhaust gases inlet pressure 1P  101.325 kPa 
Gas turbine efficiency 
GT
  0.8 
Compressors efficiency 
CP
  0.75 
Pumps efficiency 
PP
  0.75 
Steam turbine dry efficiency 
ST
  0.75 
Minimum tolerated vapor quality 
tol
x  0.9 
Condenser (CO) effectiveness 
CO
  0.85 
Maximum heat exchanger effectiveness 
max
  0.85 
Minimum temperature difference 
tol
T  5 K 
Temperature difference CO/S and CO/R 
CO
T  10 K 
Range of exhaust gases temperature 
1
T  600 – 1200 K 
Range of coolant temperature 
A
T  280 – 340 K 
 
4. Optimization 
To properly compare the performance of the different thermodynamic cycles, their operation 
parameters must be optimized. The objective function used in the present study is the specific work 
output w , which represents the amount of energy (kJ) produced for each kg of exhaust gases. Other 
commonly used objective functions include the net power generated, thermal efficiency, exergy 
destruction and second-law efficiency. Using the specific work as an objective function provides a 
convenient “reusability” of the results for different exhaust gases mass flow rate. Objective 
function evaluation, design variables and constraints definition for the five cycles are provided 
below. Three optimization algorithms have been tested: the function fmincon.m with the "interior-
point" algorithm, the genetic algorithm function ga.m, both from the Optimization Toolbox™ of 
MATLAB, and an in-house Particle Swarm Optimization (PSO) function. The first algorithm 
(fmincon.m) needed starting points very close to the optimum in order to converge towards it, 
making the optimization problematic. The second one (ga.m) provided better results, but often gave 
local maxima. PSO was the best to find near-optimum, thus it was selected for this work. Originally 
developed by Kennedy [30], the PSO algorithm has been implemented in MATLAB based on [31] 
for the basic principles and [32] to consider constraints. The PSO parameters are: (i) stop criterion: 
relative error of 10-5 between iterations j  and 2j  ; (ii) maximum number of iterations: 30; (iii) 
swarm size: 35
dv
n , where dvn  is the number of design variables; (iv) inertia coefficient: 1; (v) 
damping coefficient: 0.7; (vi) personal acceleration coefficient: 1; (vii) social acceleration 
coefficient 1.25. Three optimization runs were done systematically for each set of 1T  and AT , and 
in the end, the run with the highest maximized specific work was retained. 
The optimization problems described below are relatively “heavy”. For optimizing the most 
complex cycle, ~45 minutes of computational time is required for a single value of AT  and 1T . 
Since the optimization was repeated for a large number of combinations of AT  and 1T  (1891 
scenarios for each cycle, i.e. 31 AT  values × 61 1T  values), the computational time required was 
over 175 days for optimizing all the cycles. The complexity comes from to the iterative processes 
in the calculation of the objective function and the presence of many local maxima. 
 4.1. IBC and IBC/D optimization 
The design variable involved in the optimization of the IBC or the IBC/D is the gas turbine outlet 
pressure 2P  (see Fig. 1). However, the evaluation of the objective function is different for both: 
 IBC: GT CPw w w    (22) 
 IBC/D: 
2 2, ,
(1 )
GT H O liq CP H O liq PP
w w mf w mf w      (23) 
The optimization statement of both cycles can be summarized as: 
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There is only one constraint: the temperature difference in the condenser (CO) between the gas 
stream outlet and the coolant inlet must be greater than a minimum value ( 5 K
tol
T  ). 
4.2. IBC/D/S optimization 
The IBC/D/S has two design variables: the gas turbine outlet pressure 2P  and the steam turbine 
inlet pressure 9P  (see Fig. 3). Its specific work output is expressed by 
 
2 2, , 1 2
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while the optimization problem is formulated by 
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Six constraints limit the optimization. The first is as in Section 4.1. The five other constraints 
concern the open Rankine cycle. First, the pinch point temperature difference 
pp
T  must be greater 
than 
tol
T , and the water at state {9} has to be superheated (
99 @g P
h h ). Next, each stage of the 
steam turbine (see in Section 3.4) must have a vapor quality greater than 0.9
tol
x   to avoid excess 
blade wear [15]. Finally, since the efficiencies of the economizer and evaporator are not fixed, they 
must not exceed a maximum value (
max
0.85  ). 
4.3. IBC/D/R optimization 
The IBC/D/R has two design variables: the gas turbine outlet pressure 
2
P  and the refrigeration 
utilization rate RU . The latter is such that when 4T  (see Fig. 4) is equal to 3T , then 0RU  , and 
when 
4
T  is equal to 273.2 K, then 1RU  . The objective function is 
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and the optimization problem is 
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The first constraint is as in Section 4.1. The second constraint ensures that the compressor (CP/R) 
inlet pressure 
a
P  is lower than its outlet pressure 
b
P . The limit is 
a b
P P  (no refrigeration). 
4.4. IBC/D/S/R optimization 
The IBC/D/S/R optimization involves three design variables: the gas turbine outlet pressure 2P , the 
steam turbine inlet pressure 9P  (see Fig. 5) and the refrigeration utilization rate RU . The specific 
work output of the IBC/D/R/S is calculated with 
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and the optimization problem is 
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Constraints limiting the optimal design combine the ones for the IBC/D/S and for the IBC/D/R.  
Table 2. Bounds of the different design variables. 
Design variable Inferior limit Superior limit 
Gas turbine outlet pressure 2P  10 kPa 101.325 kPa 
Steam turbine inlet pressure 
9
P   50 kPa 22 000 kPa 
Refrigeration utilization rate RU  0 1 
 
5. Results 
5.1. Parametric analysis of the IBC and IBC/D 
In order to illustrate the optimization opportunity of IBC, Fig. 8 presents a parametric analysis of 
the specific work w  with respect to the design variable 2P  for the IBC and IBC/D systems at a 
given operating condition (i.e., 1 800 KT   and 290 KAT  ). The dotted lines in the curves between 
16 and 20 kPa indicate the non-respect of the sole condition constraining both cycles (see Eq. (24)
) for the pressure 2P . For lower pressures, there is no condensed water, so the specific work output 
w  does not vary between cycles. First, Fig. 8 shows that an optimum exists for both cycles. It can 
be noted that maxw  of IBC/D is located at a higher value of 2P  than maxw  of IBC (36.5 vs. 28.0 kPa) 
for this case. This is due to the amount of condensed water increasing with 2P , thus increasing the 
drainage before the compressor. However, w  starts decreasing after 2,optP  because the reduced flow 
rate in the compressor does not make up for the decreased power produced in the gas turbine. 
Finally, the negative specific work arising from pressure lower than 16 kPa is justified by the 
equipment being non-isentropic, i.e., less power is produced by the gas turbine while more power 
is required by the compressor, resulting in the possibility of a negative net specific work. 
5.2. Complete optimization results 
The optimization methodology described in Section 4 was used to generate the charts presented in 
Figs. 9 and 10. More specifically, the maximized specific work output 
max
w  for each cycle is shown 
in Fig. 9 and the corresponding optimized design variables are displayed in Fig. 10. Hence, a total 
of 1891 optimization runs were performed for each cycle, and each datapoint in the charts is the 
output of an individual optimization for a couple of 1T  (y-axis) and AT  (x-axis) values. 
 Figure 9 shows several behaviors of the cycles depending on both temperatures. First, the 
dotted line in the graphs of the (a) IBC, (b) IBC/D, and (c) IBC/D/S divides the area where there 
is liquid water drainage (below) and where there is none (above). Indeed, the lower 1T  and AT , the 
more condensate there is. Notice that there is a section right below the dotted line where maxw  of 
IBC and IBC/D is comparable. The liquid water drainage is particularly small there, making no 
noticeable difference between both cycle performances. However, the combined effect of the 
removed condensate and the supplementary power produced in the steam turbine can be observed 
in Fig. 9c. The contour lines are more ‘horizontal’ than in the other cycles which means that maxw  
is more strongly dependant on AT  (which determines the condensate mass) than on 1T .  
Furthermore, it should be observed that the value of maxw  for the IBC/D is not always higher 
than that of the IBC when there is possible condensate drainage. For example, max 159.6w   kJ/kg 
for IBC and max 155.6w   kJ/kg for IBC/D at 1 1200T   K and 280AT   K. As a rule of thumb, for 
value of 1T   above 970 K, keeping liquid water in the compressor leads to a better performance. 
These results are in line with recent literature [33] [34] indicating that the use of water sprays in 
the compressor proves to decrease its power consumption for certain cases. 
 Next, it can be observed in Fig. 9 that the addition of the refrigeration cycle is beneficial 
for all operating temperatures. The IBC/D/R (Fig. 9d) does not make a significant difference 
compared to the IBC/D below the dotted line, but it allows doubling the specific work above the 
dotted line, where there was originally no condensation. Regarding the IBC/D/S/R, Fig. 9e shows 
that the combination of an open Rankine cycle with a refrigeration cycle makes it the most 
performant cycle of the five presented here, for the whole range of operating temperatures. 
Finally, Fig. 9f shows the specific energy content of the exhaust in kJ per kg of exhaust as 
a function of 
A
T  and 1T . This figure is presented in order to convert the specific work output into 
thermal efficiency, which is another metrics often used to assess the performance of cycles such as 
IBC. To determine the thermal efficiency of a cycle, its specific work output should be divided by 
the specific energy content of the exhaust from Fig. 9f. For example, it is found that the thermal 
efficiency of the IBC/D/S/R varies from 1% (for low hot source temperature and high cold source 
temperature) to 25% (for high hot source temperature and low cold source temperature). 
5.3. Comparison with Rankine cycle and Organic Rankine Cycle  
In Section 5.2, the IBC/D/S/R was identified as the best performing cycle of the five presented in 
this work for the operating conditions investigated. In order to compare its potential to other more 
‘classical’ cycles, the subcritical Rankine cycle (with water) and the subcritical ORC with 
isobutane (
1
540 KT  ) and benzene (
1
540 KT  ) have also been simulated and optimized. 
The Rankine cycle is the basic steam cycle for power generation, often used as a bottoming 
cycle for the Brayton Cycle. The ORC is a Rankine cycle using an organic fluid instead of water 
as working fluid, usually more suitable for heat sources with lower temperatures. Their most simple 
version consists of a steam turbine to produce work, a condenser to return the fluid to saturated 
liquid, a pump to reach the evaporating pressure, and a heater (heat exchanger in the context of a 
WHR system) to obtain the desired thermodynamic state at the turbine inlet. This work employs 
the same calculation methods found in Section 3.5 for all heat exchangers (economizer, evaporator, 
superheater and condenser) and in Section 3.4 for the steam turbine.  
 Results of the present model have been compared with those of two other studies for 
specific operation points to validate the Rankine cycles model. In the first study, Larsen et al. [35] 
compared optimized design performance for Rankine cycle and ORC with R245ca. The selected 
conditions are ambient air temperature of 298 K and exhaust gases temperature of 507 K, where 
the engine loaded at 85% leads to an exhaust mass flow of 46.2 kg/s. Although benzene is the 
working fluid used in Fig. 11b for an exhaust temperature of 507 K, maximized specific work with 
R245ca has been calculated for comparison purposes. R245ca was not considered here due to its 
maximum temperature of applicability of 450 K. Table 3 shows that results are fairly similar. 
Sources of discrepancy include, inter alia, higher component efficiency and higher minimum 
approaches used in Larsen et al. In the second comparison, an ORC performance using isobutane 
is taken from Bianchi and De Pascale [12]. Since their specific work is based on the working fluid 
flow rate, the efficiency based on the available exhaust heat is used instead (Fig. 12). With exhaust 
temperature of 423 K and ambient air temperature of 288 K, one finds an efficiency of 0.62. 
Comparing to the results of the present model, which calculated 0.65, the relative difference is 
found to be 4.8%. Based on these comparisons, the present Rankine cycle models were thus found 
to be adequate. 
Table 3. Specific work comparison with Larsen et al. (2014) for Rankine cycles 
Working fluid Water R245ca 
Net power (Larsen) [kW] 863 1160 
Specific work (Larsen) [kJ/kg] 18.68 25.11 
Specific work, present model [kJ/kg] 17.45 26.82 
Relative difference [%] 6.6 6.8 
 
The operating conditions investigated in this section are an exhaust temperature 1T  from 
400 to 1000 K for the Rankine cycle, from 400 to 700 K for the ORC, and a coolant temperature 
range AT  from 280 to 340 K. The different range for 1T  (400 to 1000 K) has been selected in order 
to focus on conditions for which the IBC/D/S/R is better than the ORC or the Rankine cycle. Figure 
11 shows the ratio between maxw  for the IBC/D/S/R and that for (a) ORC maxw , and (b) Rankine 
cycle maxw . 
 In Fig. 11a, it can be observed that the IBC/D/S/R offers a better performance than the ORC 
with benzene in the specific area, i.e., for 1T  values between 550 and 700 K, and AT  values between 
280 and 310 K. Moreover, there are two other identified areas where the IBC/D/S/R is better (for 
lower 1T  values). In Fig. 11b, the area where the IBC/D/S/R is better than the Rankine cycle is also 
revealed, i.e., for 1T  values between 400 and 800 K, and AT  values between 280 and 330 K.  
5.4. Sensitivity analysis with respect to efficiency of turbomachinery  
In the precedent sections, the efficiency of turbomachinery components were fixed to the values in 
Table 1. However, the overall cycle performance can be affected by these values [36], and therefore 
a sensitivity analysis is proposed in this Section. One specific test case was chosen for this purpose. 
The cycles were optimized as previously described, but with different values of efficiencies. Figure 
12 shows the maximized specific work output as a function of the efficiency of (a) compressor(s), 
(b) gas turbine, and (c) steam turbine when applicable for 1 800 KT   and 310 KAT  . For each 
graph, the efficiency of the piece of equipment is varied between 0.5 and 0.9 while all other 
parameters remain fixed. 
Figures 12a and 12b show that IBC/D/S is the least affected when the compressor and gas 
turbine efficiency decreases, since it can rely more and more on the steam turbine to produce work 
with an increased gas turbine outlet pressure 2P . IBC and IBC/D are affected similarly by a change 
of compressor and/or gas turbine efficiency. Also, as these efficiency values are decreased, the 
performance of IBC/D/R eventually becomes equivalent to that of IBC and IBC/D up to a point 
where not work can be produced when the compressor or the gas turbine efficiency value reaches 
~0.5. IBC/D/S/R is also affected by the efficiency values, but continues to yield a significant work 
output even at low efficiency values. 
The relatively low impact of the steam turbine efficiency in Fig. 12c may be explained by 
the optimized pressures and the different path taken by the steam. With a low efficiency, the 
preferred design is a slightly higher 2P  to obtain hotter steam and a much higher steam turbine inlet 
pressure 8P . Referring to the water T-s diagram, the steam entropy increases more at each turbine 
stage, traveling further to the right and stays superheated at a lower pressure. The vapor quality 
constraint (
min
0.9x  ) is then respected everywhere in the turbine and the steam exits at the pressure 
imposed by the condenser, the greater pressure drop compensating for the poor efficiency. 
5.5. Parametric analysis of liquid water addition in the IBC/D/S/R   
The separated liquid water mass is a limiting factor for the work generation in the IBCs with a 
steam turbine. If there is additional water available in certain applications, for example an engine 
in a boat, it would then be possible to mix this supplied water with the one that has been separated 
from the exhaust stream. Then, in this Section, the supplied water mass per kg of exhaust gases 
becomes a new design variable, noted as swm . Figure 13a presents the IBC/D/S/R+ system, the 
symbol + meaning that supplied water is present. 
For each value of swm , this IBC/D/S/R+ system was optimized with respect to the remaining 
design variables (
2 9
, ,
R
P P U ). The result for each swm  value are presented in Fig. 13b, for two 
distinct cases (i.e., Case #1: 1 800 KT  , 290 KAT  , and Case #2: 1 1100 KT  , 320 KAT  ). 
Regarding case #1, it is possible to increase the specific work by a maximum of 23.8% 
compared to the case without supplied water (i.e., IBC/D/S/R). The maximum is reached at 
(opt)
0.068
sw
m  , and above this value, maxw  decreases and becomes even lower than the IBC/D/S/R 
work. Regarding case #2, it is possible to increase the specific work by a maximum of 132% 
compared to the IBC/D/S/R. The maximum is reached at (opt) 0.207swm  . For both cases, it was 
observed that the optimal value of 2P  is almost equal to 1P , which means that there is almost no 
work performed by the gas thermodynamic cycle. In other words, the system becomes the 
equivalent of a Rankine cycle only. 
6. Example of applications 
Two concrete scenarios are presented to show how to use the results of this paper. In the first 
scenario, a diesel engine in a truck rejects exhaust gases with a mean temperature of 800 K and the 
coolant is the ambient air at 300 K. The basic IBC would supply a maximum specific work of 30 
kJ/kg (see Fig. 9a); the IBC/D, 31 kJ/kg (Fig. 9b); the IBC/D/S, 53 kJ/kg (Fig. 9c); the IBC/D/R, 
38 kJ/kg (Fig. 9d); and the IBC/D/S/R, 100 kJ/kg (Fig. 9e).  The best cycle to select would then 
depend on an economic trade-off between the cost to the different pieces of equipment and the 
value of the additional work produced by the selected waste heat recovery cycle. The associated 
operating parameters of the best cycle (IBC/D/S/R) are 2(opt) 45P   kPa (see Fig. 10g), 9(opt) 3.6P   
MPa (Fig. 10h), and (opt) 0.84RU   (Fig. 10i). However, Fig. 11b shows that the Rankine cycle is a 
better choice for that scenario, where the optimal IBC/D/S/R yields to less than 70% of the optimal 
Rankine cycle performance. 
 In the second scenario, a reciprocating diesel engine in a container carrier rejects exhaust 
gases with a mean temperature of 600 K and the coolant is the sea water at its surface mean 
temperature, 290 K [37]. The basic IBC would supply a maximum specific work of less than 1 
kJ/kg (see Fig. 9a); the IBC/D, 8 kJ/kg (Fig. 9b); the IBC/D/S, 49 kJ/kg (Fig. 9c); the IBC/D/R, 10 
kJ/kg (Fig. 9d); and the IBC/D/S/R, 51 kJ/kg (Fig. 9e). The refrigeration cycle having only a weak 
impact on the performance for this scenario, the IBC/D/S could be a better choice than the 
IBC/D/S/R. However, this 4% improvement might be enough to justify the supplementary 
equipment, especially in a container carrier where the weight is less of a constraint than on land. 
The associated operating parameters of the IBC/D/S are 2(opt) 90P   kPa (see Fig. 10b) and 9(opt) 1P   
MPa (Fig. 10c). Both cycles have a better performance than an ORC with benzene: by 15% for the 
IBC/D/S/R and by 11% for the IBC/D/S (see Fig. 11a). 
 To get an estimate of what these numbers represent in terms of the nominal engine work, a 
theoretical diesel cycle is considered. For the truck example, a compression ratio of 18 leads to an 
engine specific work of 970 kJ/kg. Thus, the IBC/D/S/R would be able to recover heat 
corresponding to about 10 % of the engine power. For the container carrier example, a compression 
ratio of 14 leads to an engine specific work of 560 kJ/kg. The IBC/D/S then would provide about 
9 % additional power. 
 While it would be difficult to incorporate in a cost-effective way a system like the 
IBC/D/S/R in a truck, it could be a more realistic solution in large boats. As stated in Mito et al. 
[38], reducing maritime transport CO2 and NOx emissions calls for less fuel consumed. Large ships 
engines usually have exhaust gases colder than in land transportation. Looking at Fig. 9, IBC/D/S 
and IBC/D/S/R then would make the best use of low exhaust temperature and ocean water 
temperature as cold sink. In addition to a higher performance in this range of temperatures, an 
advantage of IBC/D/S over ORC is the absence of an additional working fluid that can be hazardous 
and environmentally damaging [35]. However, the IBCs are currently designed to exploit only the 
exhaust waste heat, which can be considered as a drawback when compared to other WHR 
solutions. Engines have other heat sources like scavenger air and jacket water, which the ORC is 
capable to recover, see Ref. [39]. 
7. Conclusion 
In this paper, five different Inverted Brayton Cycles are numerically simulated and optimized to 
various operating conditions (exhaust temperature and coolant temperature). Among these five 
systems, three are presented for the first time in the literature (i.e., the IBC/D/S, IBC/D/R and 
IBC/D/S/R). The objective function was the specific work output, and the design variables were 
the gas turbine outlet pressure (for all cycles), the steam turbine inlet pressure (for IBC/D/S and 
IBC/D/S/R), and the refrigeration utilization rate (for IBC/D/R and IBC/D/S/R). A PSO script was 
used to perform the optimization for a range of exhaust temperature from 600 to 1200 K and of 
coolant temperature from 280 to 340 K. 
The optimization results are reported in the form of design charts (Figs. 9 to 11). For 
instance, the data presented in Figs. 9 and 10 allows to perform the predesign of heat recovery 
systems using the IBC principle. The addition of a refrigeration cycle to the IBC/D turned out 
beneficial for all operating conditions, especially for exhaust temperature higher than 700 K  
Moreover, the data presented in Fig. 11 allows to determine for which operating conditions the 
IBC/D/S/R may be more efficient than a basic ORC or a Rankine cycle. The sensitivity analysis 
on turbomachinery efficiencies highlighted the impact they have on overall system performance. 
Finally, the data presented in Fig. 13 illustrates the effect of adding supplied liquid water after the 
separation for two specific cases of operating conditions. 
The work presented in this paper could be extended in various ways. An economic analysis 
of the different IBC cycles would be needed to determine to which extent their specific work output 
justifies their purchase cost in different contexts, compared with other types of cycles. Multi-
objective optimization of the IBC cycles including objective functions such as weight, space or 
cost could help to identify families of optimal solutions best suited for different applications. The 
models developed for this study could also be improved. For example, the pressure losses and heat 
losses could be considered, and the transient behavior of the system that results from the variations 
of hot and cold source temperatures could also be investigated. Such transient behavior would 
require mathematical expressions of the performance of each piece of equipment in off-design 
conditions. Moreover, new cycles using water recirculation could be simulated and optimized. For 
example, water exiting the steam turbine of the IBC/D/S or IBC/D/R/S could be reinjected in the 
exhaust gases upstream of the gas turbine, which can potentially increase the specific work output 
of the cycle. 
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Appendix A 
Tables A.1, A.2 and A.3 describe the thermodynamic states in each new cycle proposal for a 
common case of optimized design at 1 900T   K and 300AT   K. The reference state to calculate 
enthalpy and entropy for the exhaust gases is at 298refT   K and ref atmP P . Notice that state {4} 
of IBC/D/S and IBC/D/R, and state {5} of IBC/D/S/R are not included in tables: liquid water and 
“dry” exhaust gases have each their own state after the separation. 
Table A.1. Thermodynamic states of the exhaust gases and separated water in the optimized 
IBC/D/S system for a specific case. 
State Composition 
1
m m& &  T  P  h  s  
  [%]  [K]  [kPa]  [ kJ kg]  [ kJ kg K]  
1 Exhaust 100 900.00 101.325 695.515 1.25946 
2 Exhaust 100 801.53 54.2602 544.314 1.29776 
3 Exhaust 100 754.20 54.2602 517.376 1.22425 
5 Exhaust 98.2 310.59 54.2602 13.2834 0.22428 
6 Exhaust 98.2 386.07 101.325 93.8581 0.27580 
7 Water 1.79 310.59 54.2602 156.881 0.53881 
8 Water 1.79 311.47 8184.82 167.797 0.54691 
9 Water 1.79 758.46 8184.82 3360.58 6.66594 
10 Water 1.79 324.54 13.2313 2382.66 7.40041 
11 Water 1.79 324.54 13.2313 215.166 0.72179 
12 Water 1.79 324.55 101.325 215.285 0.72188 
 
Table A.2. Thermodynamic states of the exhaust gases, separated water and R134a in the 
optimized IBC/D/R system for a specific case. 
Point Composition 
1
m m& &  T  P  h  s  
  [%]  [K]  [kPa]  [ kJ kg]  [ kJ kg K]  
1 Exhaust 100 900.00 101.325 695.515 1.25946 
2 Exhaust 100 730.69 32.7641 489.218 1.33222 
3 Exhaust 100 319.53 32.7641 23.0570 0.40123 
5 Exhaust 94.8 291.79 32.7641 -6.35141 0.30499 
6 Exhaust 94.8 429.86 101.325 137.384 0.38130 
7 Water 5.24 291.79 32.7641 78.2407 0.27698 
8 Water 5.24 291.79 101.325 78.3323 0.27706 
a R134a 56.0 289.79 467.355 409.210 1.73054 
b R134a 56.0 319.74 933.396 428.637 1.74583 
c R134a 56.0 310.00 933.396 251.731 1.17569 
d R134a 56.0 286.79 467.355 251.731 1.18148 
 Table A.3. Thermodynamic states of the exhaust gases, separated water and R134a in the 
optimized IBC/D/S/R system for a specific case. 
Point Composition 
1
m m& &  T  P  h  s  
  [%]  [K]  [kPa]  [ kJ kg]  [ kJ kg K]  
1 Exhaust 100 900.00 101.325 695.515 1.25946 
2 Exhaust 100 746.18 36.7553 507.760 1.32409 
3 Exhaust 100 525.29 36.7553 250.147 0.91539 
4 Exhaust 100 305.00 36.7553 7.41948 0.31789 
6 Exhaust 92.1 275.75 36.7553 -23.4923 0.21135 
7 Exhaust 92.1 392.65 101.325 95.7856 0.27897 
8 Water 7.91 275.75 36.7553 10.9571 0.03979 
9 Water 7.91 276.20 5717.26 18.5317 0.04668 
10 Water 7.91 710.44 5717.26 3276.11 6.70536 
11 Water 7.91 322.95 12.2313 2380.59 7.42694 
12 Water 7.91 322.95 12.2313 208.515 0.70125 
13 Water 7.91 322.97 101.325 208.652 0.70139 
a R134a 74.6 273.75 268.185 399.850 1.73820 
b R134a 74.6 325.75 933.396 434.990 1.76552 
c R134a 74.6 310.00 933.396 251.731 1.17569 
d R134a 74.6 270.75 268.185 251.731 1.19119 
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Figure captions 
Figure 1 Inverted Brayton Cycle (IBC). (a) Equipment architecture. (b) Thermodynamic diagram of 
exhaust gases. 
Figure 2 Inverted Brayton Cycle with liquid water drainage (IBC/D). (a) Equipment architecture. (b) 
Thermodynamic diagram of exhaust gases. (c) Thermodynamic diagram of water. 
Figure 3 Inverted Brayton Cycle with liquid water drainage and steam turbine (IBC/D/S). (a) 
Equipment architecture. (b) Thermodynamic diagram of exhaust gases. (c) Thermodynamic 
diagram of water. 
Figure 4 Inverted Brayton Cycle with liquid water drainage and refrigeration cycle (IBC/D/R). (a) 
Equipment architecture. (b) Thermodynamic diagram of exhaust gases. (c) Thermodynamic 
diagram of water. (d) Thermodynamic diagram of refrigerant. 
Figure 5 Inverted Brayton Cycle with liquid water drainage, steam turbine and refrigeration cycle 
(IBC/D/S/R). (a) Equipment architecture. (b) Thermodynamic diagram of exhaust gases. 
(c) Thermodynamic diagram of water. (d) Thermodynamic diagram of refrigerant. 
Figure 6 Calculation principle of steam turbine intermediate stages on thermodynamic diagram. 
Figure 7 Temperature evolution in evaporators. (a) EV/S. (b) EV/R. 
Figure 8 Parametric analysis of IBC and IBC/D for a specific case. 
Figure 9 Maximized specific work output for each cycle. (a) IBC. (b) IBC/D. (c) IBC/D/S. (d) 
IBC/D/R. (e) IBC/D/S/R. 
Figure 10 Optimized design variables for each cycle. (a) IBC 2(opt)P . (b) IBC/D/S 2(opt)P . (c) IBC/D/S 
9(opt)
P . (d) IBC/D 2(opt)P . (e) IBC/D/R 2(opt)P . (f) IBC/D/R (opt)RU . (g) IBC/D/S/R 2(opt)P . (h) 
IBC/D/S/R 9(opt)P . (i) IBC/D/S/R (opt)RU . 
Figure 11 Ratio of the cycles’ maximized specific work. (a) Between the IBC/D/S/R and two ORCs. 
(b) Between IBC/D/S/R and the Rankine cycle. 
Figure 12 Maximized specific work output at 1 800 KT   & 310 KAT   with respect to the (a) 
Compressor(s) efficiency. (b) Gas turbine efficiency. (c) Steam turbine efficiency. 
Figure 13 Evolution of the IBC/D/R/S+ 
max
w  with respect to the supplied water mass 
sw
m  for case #1 
( 1 800 KT   & 290 KAT  ) and case #2 ( 1 1100 KT   & 320 KAT  ). 
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